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Fairing Noise Mitigation Using Passive Vibroacoustic
Attenuation Devices
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This work investigated the application of passive vibroacoustic attenuation devices (PVADs) for fairing noise
mitigation. A PVAD is an integrated structural vibration mitigation device and acoustic damper. The PVAD was
developed to provide low-frequency noise reduction and to be used as a supplement to acoustic blankets. This work
presents modeling of the PVAD and composite cylinder test bed, simulations, optimization studies, experimental
results using prototype devices, tests using two component devices, and tests using integrated PVADs on a 2.75-m
composite cylinder. Two optimization schemes are presented: one based on radiation-mode analysis and the other
using genetic algorithms. The measured experimental data supported conclusions from the model simulations and
predictions. The performance of the integrated PVAD devices was better than that of individual components, and
exceeded the performance of discrete masses and distributed mass loading. Narrowband reductions of 10 dB were
demonstrated at low-frequency acoustic resonances. More than 6 dB of acoustic reduction was measured over the

bandwidth of 50-125 Hz in the cylinder.

I. Introduction

IBROACOUSTIC loads during launch pose a significant
risk for payload launch survivability. Development of lighter
weight, less damped composite fairings is expected to exacerbate
the launch environment. The external acoustic levels during launch
can exceed 160 dB, depending on the type of launcher and number
of motors. There has been work to reduce the noise transmission
into fairings, both passively and actively. Passive blankets pro-
vide acoustic damping in fairings. Blankets offer wide-band at-
tenuation, although they are less effective at lower frequencies.
Acoustic resonators have been successfully applied for narrow-
band attenuation in structural-acoustic systems such as cylinders
and fairings."> Tuned mass dampers (TMDs) and tuned vibration
absorbers (TVAs) have been used for vibration reduction in many
applications.>* These devices can also be used to reduce noise trans-
mission through flexible systems.’~!° Tuned vibration absorbers are
typically single-degree-of-freedom devices that modify the mechan-
ical input impedance of the vibrating structure. They are reactive de-
vices with low damping that act over a narrow bandwidth to reduce
the response of the structure at the design frequency. By inhibiting
the noise transmission at the design frequency, structural-acoustic
coupling and hence noise transmission can be reduced (at the design
frequency). Tuned mass dampers are similar, but have more damp-
ing and can affect a wider bandwidth. They couple to the vibrating
structure and change its behavior, particularly by adding damping
to the structure, which reduces the amplitude of the vibration and
noise transmission.
Work by Esteve and Johnson'' and Osman et al.'? investigated
distributed vibration absorbers and Helmholtz resonators to provide
noise reduction on the same sandwich composite cylinder test struc-
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ture used in this work. Esteve et al. numerically and experimentally
tested the effectiveness of lightweight distributed vibration ab-
sorbers and Helmholtz resonators that were tuned to the structural
and acoustic resonances of the system. Their work showed that
significant noise reduction could only be achieved by adding damp-
ing to both structural and acoustic modes that were resonant in the
bandwidth of interest. Furthermore, they concluded that vibration
absorbers and Helmholtz resonators were only effective if the struc-
ture and the acoustic cavity were lightly damped before adding the
treatment.

Gardonio et al. provided an excellent theoretical development of
fairing modeling and noise transmission and investigated the effects
of “blocking masses” on noise transmission.'* Their work provided
a good discussion of prior work focusing on noise transmission
through cylinders. Theoretical models of the in vacuo structural
modes and the rigid wall acoustic modes were coupled using modal
interaction analysis.'* This analysis framework permitted the inves-
tigation of noise transmission sensitivity to various stiffness con-
figurations, structural damping, acoustic damping, and disturbance
loading conditions. A plane-wave disturbance model acting on the
cylinder was used, and blocking masses of up to 8% of the cylinder’s
mass (i.e., 20 kg) were integrated into the model. The models were
developed using parameters and data of the Ariane 5 payload fairing.

Gardonio investigated the noise reduction provided by adding
blocking masses to the cylinder structure at discrete locations. The
goal was to use the blocking masses to reconfigure the structural
modes to reduce coupling between the incident acoustic waves, the
cylinder, and the acoustic cavity. The performance achieved by in-
corporating 14 blocking masses (1.43 kg each) into the cylinder
model was compared to the performance provided by increasing
the structural mass by an equivalent amount (i.e., “smeared mass”).
The results showed that significant performance was achieved us-
ing the discrete masses, while marginal performance was provided
by the smeared-mass approach. The authors noted that, “. .. this
study could be improved by developing an optimization approach
which would indicate particular geometrical positions for the block-
ing masses that may give better results. ...”

Griffin et al. investigated active structural-acoustic control for
fairing noise mitigation."> Those active control simulations im-
plemented feedback controllers with proof-mass actuators, dis-
placement sensors, and acoustic sensors, on a fully coupled state-
space model of a small composite fairing. The simulated external
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disturbance was scaled to produce an approximate 140-dB open-
loop exterior acoustic load. The mass of the controller was limited
to 25% of the estimated fairing mass, which resulted in a limited
number of proof-mass actuators available for control. Additionally,
the closed-loop simulations imposed limits on the maximum volt-
age applied to the actuators. These restrictions were imposed so
that the investigators could evaluate the feasibility of the control ap-
proach given realistic loads with reasonable controller constraints.
It was found that the transmission through the bare fairing was
reduced by 3.5 dB over 0-300 Hz by simply coupling 8 kg of proof-
mass actuators with the fairing model. The closed-loop controllers
(linear quadratic Gaussian) achieved, at best, approximately 4.2 dB
of reduction of the noise transmission. Implementing multichannel
feedback controllers on a real fairing was considered to be a dif-
ficult task and not worth the risk for only 4.2 dB of attenuation.
Rather, it was theorized by the authors that optimally tuning the
passive characteristics of structural vibration and acoustic response
mitigating devices and using those with an acoustic blanket treat-
ment would be more beneficial and introduce much less risk. It was
from these observations that the passive vibroacoustic attenuation
devices (PVAD) concept was originally developed.'®!”

A PVAD is a combined structural vibration mitigation device and
an acoustic damper. First, the PVAD modifies the modal response
of the fairing through modal reconfiguration or simply by providing
additional damping. This reduces the acoustic radiation of partic-
ular structural modes that are identified as efficient radiators.'8~2°
Second, the PVAD simultaneously provides acoustic damping to
specific acoustic resonances within the fairing using a passive di-
aphragm, membrane, or a damped acoustic resonator.

This paper will begin by reviewing some of the significant re-
sults from numerical studies, which included modeling, optimiza-
tion, and performance predictions. This is followed by some of the
early experimental work conducted on a composite cylinder to cor-
roborate numerical simulations. Investigations of the behavior of
separate structural and acoustic devices will be presented. Finally,
integrated PVAD tests are presented with analysis of the results and
some conclusions from the work.

II. Theory

A. PVAD Theory

The PVAD is composed of two parts, an acoustic damper com-
ponent and a structural vibration attenuating component. Figure 1
gives a conceptual model of a PVAD device attached to a vibrat-
ing structure. The acoustic damper component uses a diaphragm,
membrane, or simply a volume of moving air m, to couple with
the acoustic resonances of the fairing volume w ,. Diaphragms and
membranes are often used for sound production, or reproduction, as
in the case of a loudspeaker. Alternatively, Helmholtz resonators use
a volume of air in the resonator neck as the moving mass. The stiff-
ness k, and damping d,, are provided by a flexure suspension (such as
the “surround” or “spider” used in loudspeakers). If the diaphragm
or membrane incorporates a sealed backing support structure, then
the enclosed air volume in the support structure can contribute addi-
tional stiffness and damping. The resonance frequency and damping
ratio for the acoustic damper part of the PVAD are then approxi-
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Fig. 1 Schematic of a PVAD consisting of an acoustic damper mounted
via a flexible (tunable) base to a vibrating structure.

mately given as

Wq = 4/ kﬂ/’nav la= (da/zma)\/ ma/ka (N

The moving mass and the acoustic stiffness are tuned such that
the device’s resonance frequency is proximal to the desired fairing
acoustic resonance frequency, that is, w, ~ wy,. Damping is intro-
duced to provide dissipation of acoustic energy in the coupled sys-
tem. It will be demonstrated that damping is an important parameter
for achieving good coupling and noise reduction.

The entire acoustic damper part of the device provides a moving
mass m;, which is attached to the vibrating structure via a flexible
mounting. As in the case of a tuned-mass damper (TMD) or tuned
vibration absorber (TVA), the moving mass m, and flexible mount-
ing are tuned to coincide with particular structural resonances wy,,
which are to be attenuated. The flexible mounting provides stiff-
ness k; and can include springs, flexures, or even foam layers. The
damping in the flexible mounting d, determines whether the device
behaves as a TMD, a TVA, or a combination of both. The resonance
frequency and damping ratio of the “structural” part of the PVAD
are approximately given by

s = (ds/2ms)~/ ms [ks (@3]

The suspension and moving mass are designed to couple with the
target structural mode, thatis, w,; ~ w ;. A reactive device (¢, < 1%)
provides narrowband impedance loading, and a resistive device
(¢ > 1%) provides a wider bandwidth of coupling and can add
damping to the structural resonances if designed properly.

Wy = kx/mxv

B. Air Force Research Laboratory PVAD
Prototype Development and Testing
1. Air Force Research Laboratory Prototype Development

Several prototype devices were developed and tested during the
course of this research program. The first prototype used an acous-
tic loudspeaker that was modified to have the desired resonance
frequency and is shown in Fig. 2a. The loudspeaker had a 20.3-cm
(8-in.)-diam diaphragm and was mounted in a small, sealed box
that provided stiffness (air-spring effect) and some damping. The
diaphragm and sealed box were mounted to the vibrating structure
by three aluminum flexures that resembled leaf springs. The loud-
speaker was used as a passive device, that is, no voltage was applied.
The electrical leads of the loudspeaker were connected to a resis-
tor, or in some cases, shorted. Using a resistor or shorting the leads
adjusts the electromechanical damping of the device and was used
to tune the mechanical impedance and coupling of the device to the
acoustic volume.

A later PVAD prototype, shown in Fig. 2b, used a Helmholtz
resonator approach, having a moving air mass as opposed to a di-
aphragm or membrane. Damping of the resonator was achieved by
placing flow-resistant material in the neck of the resonator. The
acoustic damper was constructed of acrylic and PVC materials. The
acoustic damper was attached to the vibrating structure by a foam
layer. The foam layer (Melamine foam) provided both stiffness and
damping, which offered a tunable flexible mounting and introduced
very little mass. The overall mass of the device in Fig. 2b was much
less than that of the diaphragm device of Fig. 2a.

2. Air Force Research Laboratory PVAD Prototype Testing

A light-weighted version of a PVAD using a diaphragm (as shown
in Fig. 2a) was tested in a one-dimensional acoustic cylinder. The
cylinder had arigid, plywood cap on one end and a flexible panel on
the other. A schematic of the test bed is shown in Fig. 3. The first three
acoustic resonances of the cylinder were 79, 161, and 241 Hz. The
first three resonance frequencies of the panel were determined using
impact hammer tests to be approximately 112, 130, and 200 Hz. The
flexible panel provided a dynamic transmission path for the external
disturbance, which was generated by a subwoofer approximately
1 m from the cylinder. The effect of the PVAD was measured by
comparing the transfer function measured between a microphone
inside of the cylinder and a microphone outside of the cylinder.
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Fig. 3 Cylinder test bed used for prototype PVAD testing.

2.1-m

< 20

g — empty

3 o0 equivalent mass
a --- with PVAD
g -20 A
3 -40

2

e -60

[o)]

@©

= -80

0 50 100 150 200 250 300 350 400
Frequency (Hz)

Fig. 4 Noise transmission results from a PVAD prototype in a one-
dimensional acoustic cylinder.

The PVAD was designed to have an acoustic resonance at 80 Hz
and a (damped) structural resonance near 110 Hz. The acoustic
and structural damping were between 3 and 5% of critical. The
total mass of the PVAD was approximately 0.6 kg (1.5 1b). The
measured results are given in Fig. 4. The first measurement was of
the cylinder transmission with no PVAD device and clearly shows
the first acoustic and panel resonance. The PVAD reduced the first
acoustic resonance by over 15 dB and first panel resonance by about
40 dB. The rms reduction over the 400-Hz bandwidth was computed
to be 8.1 dB. Also shown in Fig. 4 is the effect of attaching an
aluminum block (with mass equivalent to the mass of the PVAD) to
the panel with no flexures. The additional mass significantly reduced
the response at the panel resonance, but worsened the response at
the acoustic resonance. The computed reduction over the 400-Hz
bandwidth with the equivalent mass was only 1.1 dB.

Further experimental testing using the aluminum cylinder indi-
cated that damping values between 5 and 7% provided optimal cou-
pling (and attenuation) between the PVAD and the low-frequency
acoustic resonances. The optimal damping for the structural suspen-
sion was found to be around 5% but varied with respect to the panel
dynamics (mass, stiffness, and damping). Testing showed that the
total volume of the acoustic resonator needed to be at least 1% of
the total acoustic volume to provide significant performance.

C. Numerical Studies and Optimization on a Composite Cylinder
The successful demonstration in the lab using the aluminum
cylinder led to expanded modeling and optimization efforts. The

Fig. 5 Composite cylin-
der used for development,
testing, and evaluation.

test structure considered in the following numerical and optimiza-
tion studies was a composite cylinder fabricated by the Boeing
Company and made available to the Air Force Research Labora-
tory and Virginia Polytechnic Institute and State University (Vir-
ginia Tech) for conducting fairing noise control research. In the
following, the cylinder description will be given, and then the op-
timization studies will be presented. The first set of studies used
a radiation-mode approach for placing the PVADs, wherein con-
trol effort is focused on those structural modes that efficiently cou-
ple with acoustic modes. In the second study, a genetic-algorithm
approach was used to optimize PVAD locations and design pa-
rameters. In both studies, fully coupled structural-acoustic mod-
els of the composite cylinder and PVADs were used. Disturbance
loads used for simulations were scaled to realistic launch loads
(130-140 dB).

The composite cylinder provided by the Boeing Company for this
research is shown in Fig. 5. The cylinder was a sandwich composite,
weighing 80 kg, with height of 2.75 m, and inner radius of 1.2 m.
End caps were fabricated for the cylinder from plywood (about
10 cm thick) and reinforced with aluminum I beams. The thickness
of the face sheet/honeycomb shell was approximately 6 mm. Sev-
eral design iterations were performed to reduce noise transmission
through the end caps. Threaded rods on the outside of the cylinder
connected the two end caps and kept the end caps firmly attached to
the cylinder. A hatch on the top end cap was used for entering into
the cylinder to instrument the interior.
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D. Preliminary Numerical and Optimization Studies

In the first numerical study, the effects of the structural damper
part of the PVAD were investigated as a function of mass, location,
damping ratio, and number of devices. This was followed by stud-
ies using both a structural damper and a diaphragm-type acoustic
damper. Two diaphragm diameters were modeled, 15.25 cm (6 in.)
and 30.5 cm (12 in.).

1. Model Development

A fully coupled finite element model of the composite cylinder
was developed, and the resulting eigenvectors and eigenvalues were
imported into Matlab®,?' where state-space models were developed
for simulations. The in vacuo structural model and the rigid-wall
acoustic model were coupled using modal interaction analysis.??
The mesh spacing was defined to allow computation of the inte-
rior acoustic response to approximately 250 Hz (more than five
nodes per acoustic wavelength). The PVADs were coupled with the
structural and acoustic models of the cylinder. This was accom-
plished using feedback between the PVADs and both the structural
nodal coordinates and the acoustic nodal coordinates. The model
was developed using the geometry of the cylinder and the expected
structural material parameters, as no data were available. Damping
ratios for the acoustic and structural subsystems were 1.5 and 1%,
respectively.

2. Disturbance Model

Nodal point force inputs were used as the disturbance loads in
these simulations and applied to the structural nodal points. The dis-
turbance inputs were only applied to a subset (30%) of the cylinder
nodes (chosen arbitrarily) on the cylinder to reduce computational
time and to create asymmetric loading. Loading at each node was
uncorrelated random noise.

3. Performance Metric

The internal acoustic response was computed at every interior
node, root sum squared over frequency, and spatially averaged over
all nodes. The noise reduction was computed as the ratio of the
averaged interior acoustic response without devices to the response
with devices:

Noise Reduction (dB) = 20 log]()(Pno devices/Pwilh devices)  (3)

4. Optimal Positioning

A method to select “optimal” locations for PVADs was devel-
oped by the authors with a direct experimental implementation.
This approach was based on an observation from radiation-mode
analysis that structural-acoustic nodes with both high-pressure and
high-out-of-plane displacement are good locations for structural-
acoustic actuators or PVADs. To find the optimal locations, the
“bode” command in MATLAB was used over the frequency range
of interest (0-250 Hz) to get the frequency response functions with
the disturbance as an input and the pressures and out-of-plane dis-
placements as outputs at all of the structural and acoustic nodes. The
real parts of the structural frequency response functions were max-
imum at structural modes, while the imaginary parts of the acoustic
frequency response functions were maximum at these locations. To
find the maximums of both and to maintain the phase information,
the product of the real structural frequency response functions and
the imaginary acoustic frequency response functions were calcu-
lated. At each node, the maximum of the computed product was
calculated along with the frequency where the maximum occurred.
These maxima were rank ordered, and the top locations were se-
lected as locations for PVADs. The end caps were modeled as rigid
and excluded from the set of possible PVAD attachment points.

5. TMD Effect and Mass Loading Effect

The first part of this study considered the tuned mass damper
effect alone, which is equivalent to shunting the acoustic damper
part of the PVAD. A total of 100 optimal locations were selected,
and performance was computed for the addition of the devices, each

Table 1 Summary of numerical results for various TMD cases

Number of  Mass, Damping, Reduction,
Case devices g % dB Mounting
1 100 175 10 6.7 Flexible
2 100 175 10 2.8 Rigid
3 100 87.5 10 5.9 Flexible
4 100 87.5 10 2.1 Rigid
~ 100 T T T T
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Fig. 6 Spatially averaged interior pressure spectra of cylinder simu-
lations using 100 PVADs.

having mass of 175 g (0.386 Ib) and structural damping of 10% of
critical. (These values were representative of what would be fabri-
cated later for laboratory experiments.) The stiffness of each PVAD
was defined so that the frequency of each device corresponded
to the structural-radiation mode for which it was assigned by the
rank-ordering process. Figure 6 shows the power-spectral-density
plots of the spatially averaged interior acoustic responses with and
without the devices attached to the cylinder wall. The reduction
over the bandwidth (0-250 Hz) between the “with PVAD” and the
“without PVAD” cases was computed to be approximately 6.7 dB.
The first mode, where significant increase (spillover) occurred,
corresponded to the fundamental acoustic mode of the coupled
model.

Other simulations were computed using a lighter device of 87.5 g
(0.193 1b) and using the equivalent mass with no flexible suspension
(rigid attachment), equivalent to the blocking masses investigated
by Gardonio. The results are summarized in Table 1. The reduction
computed using the lighter devices (case 3) was 5.9 dB. For the cases
of the rigidly attached masses, 2.8 dB of reduction was computed
for 175-g masses and 2.1 dB for 87.5-g masses.

The positions of the devices were varied to determine the sensi-
tivity of performance with respect to location; however, little effect
was measured (~1 dB). This indicated that the performance of the
structural part of the PVAD was not very sensitive to placement
when such a large number of devices were used.

6. Investigating Damping Ratio

Using case 1 in Table 1, the variation of performance as a func-
tion of the suspension’s damping ratio was investigated. The damp-
ing ratios of all PVADs were varied uniformly from 0.1 to 25%.
Figure 7 presents a plot of the noise reduction (with PVADs to with-
out PVADs). The results indicate a maximum reduction at between
5 and 10% damping. At very low damping ratios, the noise reduc-
tion decreased at a sharp rate as the ability of the device to dissipate
energy was diminished. Above 6% damping, the computed noise
reduction decreased, but at a slower rate.

7. Investigating the Number of Devices

In the next simulations, the number of devices was varied (using
175-g devices with 10% damping). The computed noise reduction is
given in Fig. 8. There is no obvious optimum; in fact, performance
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Fig. 7 Computed noise reduction as a function of the suspension
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Fig. 8 Computed noise reduction as a function of the number of de-
vices.

was nearly linear with the number of devices used. However, it
appears as though the slope of the curve begins to gradually decrease,
indicating that the rate of performance increase can diminish with
increasing number of devices.

8. Adding the Acoustic Damper

Next, simulations were conducted with diaphragm-type acoustic
absorbers added to the devices used in case 1 of Table 1. Diaphragms
with diameters of 30.5 cm (12 in.) and 15.25 cm (6 in.) were in-
vestigated for all 100 devices. This represented 7.3 and 1.82 m?
total surface area, respectively, which was approximately 34 and
8.5% of the total cylinder wall surface area, respectively. (The 30.5-
cm-diam case was unrealistic because neighboring node locations
for the PVADs created overlapping of the diaphragms.) The di-
aphragm mass was selected to be 45 g (for both cases), which was
consistent with a typical loudspeaker. Damping of the diaphragm
suspension was defined to be 5%. The stiffness of the diaphragm
suspension was defined such that the resonance frequency of the
acoustic damper corresponded to the acoustic mode proximal to the
structural-acoustic resonance assigned by the rank-ordering process.
The diaphragm absorbers were coupled into the model as spring-
mass dampers in the finite element model. Figure 9 presents the
power spectral density plots of the spatially averaged interior re-
sponses. The devices provided significant attenuation across the
bandwidth above 60 Hz. The addition of the 30.5- and 15.25-cm
absorbers yielded a total noise reduction of approximately 11.3 and
10.1 dB, respectively. At low frequency, the addition of acoustic
absorbers increased transmission. It is believed that this was caused
by the addition of radiating surfaces with significant motion at low
frequency. Note that the response of the fundamental acoustic mode
(at about 45 Hz) was very low without any devices. Hence, it was
not targeted by the rank-ordering optimization process.
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Fig. 9 Spatially averaged interior pressure spectra of cylinder simu-
lations using 100 PVADs with diaphragm-type acoustic absorbers.

E. Genetic-Algorithm Optimization Studies

Optimization studies were performed using genetic algo-
rithms?*~28 to compute optimal mass, stiffness, and damping pa-
rameters of PVADs attached to a fully coupled structural-acoustic
cylinder model. Genetic algorithms were also used to search for op-
timal PVAD mounting locations. Simulations were conducted using
various numbers of PVADs. Genetic algorithms offer a powerful op-
timization tool when the parameter search space is large. Genetic
algorithms require many cost function evaluations in order to con-
verge to a solution, which proved to be very time consuming for
large parametric studies. Thus, innovative approaches were devel-
oped to make the problem manageable. A technique called modal
threshholding was used to eliminate structural modes that did not
couple well with the acoustic cavity. By removing these ineffective
radiation modes, the sizes of the matrices were reduced, and cost
functions were calculated faster. Parallel processing methods were
also developed to improve computation speed. Both binary and inte-
ger representations of the chromosomes were implemented. It was
found that convergence was twice as fast with the integer string
representations.

The cost function used by the genetic algorithm was the acoustic
potential energy, which is a function of frequency and is given by

N
E@) =Y Ailpi(@) @

i=1

where A; is the modal volume for mode i, N is the number of modes
in the coupled model, and p;(w) is the modal participation factor
for acoustic mode i at frequency w. The performance index J was
defined as the sum of potential energies across the frequency range
of interest:

J = i E(w) ()

w=w|

For these simulations, the cost function was computed over 50—
300 Hz, although the models extended beyond 300 Hz. The perfor-
mance was computed only over this range because it was desired to
optimize the PVADs for low-frequency noise mitigation.

1. Modeling Effort

Finite element models of the in vacuo cylinder and rigid-wall
acoustic volume were developed using ANSYS.? The models were
tuned to match resonance frequency values measured from the com-
posite cylinder. The eigenvalues and eigenvectors were loaded into
MATLAB, and the in vacuo structural and rigid-wall acoustic mod-
els were coupled using a modal interaction approach. The coupled
model extended to approximately 600 Hz and included 360 struc-
tural modes and 327 cavity modes. The first five acoustic modes
occurred at approximately 63, 83, 104, 125, and 131 Hz. Propor-
tional damping was included in the structural modes (0.5%) and
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Fig. 10 Comparison of computed acoustic potential energy for sim-
ulated directional (plume) loading and for uniform nodal point force
loading (no PVADs).

acoustic modes (1%). The TMD part of the PVAD and the acous-
tic damper (AD) part of the PVAD were coupled into the model
using a mathematical framework that permitted multiple-degree-of-
freedom devices, which captured torsional vibration of the TMD
part, and multiresonance behavior of the acoustic damper part.

2. Disturbance Modeling

Two types of external disturbance loads were modeled and used
in these simulations. The first was a distributed nodal loading of ban-
dlimited random noise, which was scaled to an equivalent exterior
load of about 130 dB. The other loading condition was a line source
at one side of the cylinder, similar to what a thrust-plume might
produce. This provided an asymmetric load condition. Figure 10
compares the internal acoustic response for the nodal point force
inputs (denoted as “surround” in Fig. 10) and the response from
the line source disturbance (indicated as “plume”). Note that the
response from the line source was much greater, likely because the
load was asymmetric and the disturbance coupled with the cylinder
more effectively. Both disturbance models were used in simulations,
and each led to similar results and conclusions (because noise re-
duction is a relative measurement).

3. Results: Position and Parameters for the 5 PVAD Case

The first set of simulations used the nodal force disturbance model
(surround) and diaphragm-type PVADs. The parameter space in-
cluded the mass, stiffness, damping, and nodal positions for five
PVADs. The parameter space for the TMD moving mass (i.e., mass
of the acoustic damper) was limited to 5-500 g. The mass of the
acoustic diaphragm was also limited to 5-500 g. Damping ratios for
each part were limited to 1 to 25%. The natural frequency of each
part (thus defining the stiffness) was allowed to vary from 10 to
500 Hz. All structural nodes of the cylinder were included in the pa-
rameter space as potential device locations. Multiple optimizations
were conducted using this parameter set. Convergence was achieved
after 600-700 generations. The solutions were reasonably intuitive.
The mass of the TMD parts tended towards the upper limit of about
500 g per device. The acoustic mass (diaphragm) tended towards the
minimum of 5 g per device. The frequencies of the TMD suspensions
tended toward the 200-300-Hz frequency range, where the internal
response was the greatest. The frequencies of the acoustic dampers
tended to this same frequency range and to low-frequency acoustic
resonances that exhibited large response (i.e., the first longitudinal
acoustic mode). The damping of the TMD suspensions tended to the
maximum value of 25% (of critical), whereas the damping of the
acoustic dampers tended to 3—-6%. The locations of the PVADs in
the converged solutions typically were closely distributed about the
middle of the cylinder. However, it was noticed that PVADs targeting
the longitudinal acoustic mode (acoustic resonance of 63 Hz) were
positioned near the bottom or top of the cylinder. This was reason-
able because this was where the pressure antinodes occurred for the
fundamental acoustic mode. The average reduction of the acous-

Table 2 PVAD parameters of the converged solutions

(18,000 generations)
Number of Smin»  fmax»  Smeans
PVADs Component Hz Hz Hz Cmin  Cmax  Cmean
10 TMD 87 341 232.8 13 25 20.5
AD 83 296 249.7 3 20 6.9
20 TMD 125 331 230.3 11 25 18.4
AD 40 161 94.6 3 25 14.1
30 TMD 88 335 237.5 6 25 19.4
AD 25 502 305 3 25 12.2
15 T . T T
20+ No PVADs A 4
i —— 5PVADs i

Acoustic Potential Energy (dB)

0 1 L
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Frequency (Hz)

Fig. 11 Acoustic potential energy reduction using five optimized
PVADs.

tic potential energy for the converged solutions was 3.2 dB. The
variation from the mean was typically less than 0.5 dB. Figure 11
presents the acoustic potential energy function for the cylinder with
and without the devices for a representative simulation run.

4. Results: Varying Number of Devices

Additional simulations were conducted using 10, 20, and 30
PVADs. These simulations implemented models of Helmholtz-
resonator-type acoustic dampers, that is, a volume of air constituted
the moving mass as opposed to a diaphragm. This was done because
the previous optimizations tended towards a very low value for the
moving mass. The moving mass of the TMD part was fixed at 450 g,
and the moving mass of the air was defined as 10 g. (The value of
10 g was assumed a reasonable estimation of the moving mass for
prototype devices being studied.) The genetic algorithm was used
to determine optimal values for the resonance frequencies, damp-
ing ratios, and device positions. The optimization parameter space
for the resonance frequencies of the structural and acoustic parts
of the PVAD was limited to 11-510 Hz. The parameter space for
the damping ratios for each part was limited to 1-25%. For these
simulations, the plume disturbance model was used. Convergence
was achieved for each case after about 18,000 generations. The cost
function was computed over the bandwidth of 50-300 Hz.

The results are summarized in Table 2, where TMD indicates the
values of the structural parts of the PVADs, and AD indicates the
acoustic damper parts of the PVADs. Table 2 gives the minimum,
maximum, and mean resonance frequencies and damping ratios for
PVAD:s in a given test case. The converged solutions exhibited a
wide range of device frequencies and damping ratios. The results did
not exhibit general trends, except that the average acoustic resonator
damping was consistently less than the average TMD damping. Such
was the case for PVAD locations. It appears that for a small number
of PVADs (five) the optimal positions for those PVADs tended to
consistent locations, that is, the ends and the middle. However, as
the number of PVADs increased, the locations of the devices did
not seem as exclusive, and the converged locations were scattered
all over the structure.

The computed cost function reductions were 2.9 dB (10 PVADs),
3.2dB (20 PVADs), and 4.4 dB (30 PVADs). Figure 12 presents the
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Fig. 12 Acoustic potential energy for the converged optimizations
using 10, 20, and 30 PVADs.

acoustic potential energy as a function of frequency for the three test
cases and the baseline (no PVADs). Most of the dominant resonances
were reduced, except for the fundamental acoustic mode, which
was not as dominant as in the previous simulations (Fig. 11). The
reduction of noise transmission from an equivalent smeared-mass
model was not computed for each case.

III. Model Validation and
Characterization Measurements

A. Introduction

Experimental tests were conducted on the composite cylinder
to validate models and to better understand the dynamics in the
structural-acoustic transmission path. These tests identified poten-
tial “target” structural-acoustic modes for the PVADs. Testing was
conducted in a semireverberant acoustics laboratory at Virginia Tech
to measure the acoustic frequency response functions from a sin-
gle subwoofer to several microphones mounted within the cylinder
and accelerometers attached to the cylinder. Measured resonance
frequencies, damping ratios, and coupling were compared to finite
element model predictions from the model developed and discussed
in the first study of the preceding section. The finite element model
employed a distributed loading (random noise inputs) at many arbi-
trary nodes of the structural, whereas our test system used a single
volume-velocity source in a semireverberant laboratory. (It was of
practical importance to use a single disturbance source, as this per-
mitted the direct measurements of frequency response functions
from the single driver to the internal microphones). Remarkably,
there was significant similarity between the measured and predicted
responses, which indicates that the distributed loading generated in
the laboratory was well approximated by the distributed loading that
was modeled.

B. Experimental Setup

The cylinder was mounted on a framed platform about 0.4 m off
of the floor. Access to the cylinder interior was achieved through
a removable port on the top end cap. The disturbance subwoofer
was manufactured by Radian Audio, had a 30.5-cm (12-in.)-diam
diaphragm, and was mounted in a sealed cabinet (0.11 m?). The
disturbance source was placed approximately 3 m from the cylin-
der and 0.5 m off of the floor. The disturbance was measured
to be approximately 109 dB (relative to 20 pPa) at 20 cm from
the cylinder exterior. A small accelerometer was attached to the
subwoofer diaphragm and used as a reference for the transfer
function measurements [PCB Piezotronics accelerometer model
352B10; sensitivity =10 mV/g; frequency range =2-10,000 Hz
(£5%); mass =0.5 g].

Collocated accelerometers [PCB Piezotronics accelerometer
model 320C03; sensitivity = 10 mV/g; frequency range =1 Hz—
6 kHz (£5%)] and microphones [Radio Shack electret micro-
phone model KUC1723-6730; sensitivity = 80 mV/Pa; frequency
range = 20 Hz-15 kHz (£5%)] were placed on the cylinder wall to
measure the responses at the cylinder’s interior boundary surface.

The collocated pressure and acceleration was measured on the cylin-
der wall over an equally spaced grid of 256 points (32 circumferen-
tial positions by eight axial positions). It was desired to narrow our
focus to structural modes that showed up in these transmission mea-
surements; thus, a more thorough modal analysis was not attempted.
Five other microphones [PCB Piezotronics ICP microphone model
130C10; sensitivity =25 mV/Pa; frequency range =20 Hz-7 kHz
(£1 dB)] were placed throughout the interior of the cylinder on a
microphone “tree.”

These tests used a 1-s duration burst chirp (40-200 Hz) with a 1-s
delay between chirps and a 1.5-s acquisition widow (to capture the
full response). For each measurement, the coherence was checked to
ensure data quality. The sensor cables were pulled through a small
port through the top end cap, which was otherwise plugged as much
as possible to prevent flanking. The temperature inside the cylinder
was regulated to remain 24 &+ 1.6°C during testing.

C. Experimental Results

The measured resonance frequencies matched the finite element
model predictions reasonably well. It was possible to tune the model
to achieve better correlation over the 200-Hz bandwidth. Figure 13
presents the spatially averaged response at the wall microphones,
and Fig. 14 presents the averaged response at the interior tree mi-
crophones. The wall microphones indicated dominant resonances
at 63, 84, 103, 110, 120, 155, 183, and 196 Hz. The interior mi-
crophones showed additional significant modes at 125 and 148 Hz.
The damping of the modes appeared to vary. A significant struc-
tural resonance occurred below the fundamental acoustic mode at
45 Hz. The response at this frequency seemed strongly dependent
upon the orientation of the cylinder with respect to the disturbance
source. The models did not predict the 45-Hz structural mode or
the relatively large contribution at 196 Hz. (The cylinder properties
were anisotropic, and the tie-rods used to secure the cylinder to the
test frame did not create a consistent compression load around the
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Fig. 13 Spatially averaged wall microphone pressure amplitude.
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Fig. 14 Spatially averaged tree microphone pressure amplitude.
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Fig. 15 Measured cylinder vi-
bration at 63 Hz.

==

Y
Hil

cylinder, which resulted in varying boundary conditions around the
cylinder. As a result, the orientation of the cylinder with respect to
the direct field of the driver did indeed effect the structural-acoustic
transmission.)

The measured data indicated that the fundamental acoustic res-
onance frequency at 63 Hz appeared to line up fairly closely with
a structural mode. The measured acceleration data are plotted in
Fig. 15 for 63 Hz, and they appear to indicate a circumferential
mode shape. This would seem to be a good frequency to target with
both acoustic dampers and structural attenuation devices.

Another example of an acoustic mode that correlated well with
model predictions was at 103 Hz. The sensor data indicate modal pat-
terns for both the structure and the acoustic volume at this frequency.
Figure 16 shows the predicted acoustic mode shape at this frequency,
Fig. 17 shows the measured microphone data, and Fig. 18 shows
the measured accelerometer data. Clearly, this frequency would be
a good design frequency for a structural-acoustic device.

Although resonance frequencies were closely predicted by the fi-
nite element model, prediction of transmission (i.e., coupling with an
external disturbance) was less accurate. The orientation (rotation) of
the mode shapes was dependent on disturbance source location. Sev-
eral lightly damped structural-acoustic frequencies were identified
as potential design points for PVADs. It was observed that in many
instances positions of high out-of-plane motion did correspond to
large acoustic pressure responses. Variations of the resonance fre-
quencies and apparent damping ratios were observed between the
many measured transfer functions. Although large ensembles of data
were analyzed for the results given in Figs. 13 and 14, the variation
about the mean resonance frequencies was generally 2-3 Hz.

Fig. 16 Finite element model
prediction of the acoustic
mode at 103 Hz.

IV. PVAD Component Testing

A. Introduction

It was decided that the first noise reduction tests on the composite
cylinder would use separate damped Helmholtz resonators, TVAs,
and TMDs. Testing of separate devices before development of an

Fig. 17 Measured wall microphone !
data at 103 Hz.

Fig. 18 Measured accelero-
meter data at 103 Hz.

R N T T N A

-1 |

integrated device was viewed as a necessary risk-reduction step. It
was estimated that testing could be done using separate devices at
a fraction of the cost of developing integrated PVADs. Also, using
separate devices allowed assessment of the individual devices on
noise transmission reduction.

Damped Helmholtz resonators were designed to target four domi-
nant acoustic modes at 63, 84, 183, and 196 Hz. Damped Helmholtz
resonators were used instead of diaphragm absorbers as a result of
the genetic-algorithm simulations, which repeatedly tended to min-
imize the “acoustic” moving mass. They were constructed from
PVC materials and damped (¢ ~5%) by putting wire mesh in
the resonator neck. Ten acoustic dampers were designed for each
frequency.

Tuned vibration absorbers and tuned mass dampers were designed
and fabricated by CSA Engineering.® TVAs were designed for 63
and 84 Hz, and TMDs were designed for 196 Hz. Six devices were
designed for each frequency. The mass of each device was approxi-
mately 260 g. The damping ratios of the TVAs were ¢ =0.005 and
for the TMDs were ¢ = 0.062.

B. Experimental Setup

These tests were performed in the same acoustics lab at Virginia
Tech using the same setup, disturbance source, and reference signal
as were used for characterization tests. Five accelerometers [PCB
Piezotronics accelerometer model 320C03; sensitivity = 10 mV/g;
frequency range=1 Hz-6 kHz (£5%)] and five microphones
[Radio Shack electret microphone model KUC 1723-01-6730;
sensitivity = 80 mV/Pa; frequency range =20 Hz—-15 kHz (+5%)]
were placed arbitrarily on the cylinder (interior) wall, and six
[PCB Piezotronics ICP microphone model 130C10; sensitivity =
25 mV/Pa; frequency range = 20 Hz—7 kHz (41 dB)] were mounted
to the microphone tree. The disturbance load was approximately

$Data available online at www.csaengineering.com [cited 30 December
2005].
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110 dB. Burst chirps (40-200 Hz) were used as the disturbance
signal as in the previous tests. Performance of the various devices
was measured as the ratio of the spatially averaged and frequency
averaged signals as given in Eq. (3). The acoustic dampers were
placed on the floor of the cylinder, which allowed good coupling
with the acoustic volume without mass-loading the cylinder wall.
The TVA and TMD devices were attached to the cylinder by affixing
a mounting base to the cylinder wall with epoxy and then attaching
the devices to the base via a threaded screw. The devices were placed
on the cylinder at locations distributed around the circumference and
at various heights, locations that corresponded to relatively high out-
of-plane motion for the particular design frequency. Because nearly
six months had passed since the previous characterization measure-
ments, transfer functions were remeasured to identify any changes in
the modal behavior: there were no significant changes. The devices
were positioned so that the mode shape could not simply rotate to
avoid coupling with the devices. Each test included 30 averages, and
only data with coherence greater than 90% were retained. Because
the disturbance source rolled off below 40 Hz (subwoofer limita-
tion), the performance was computed only over 50-200 Hz. The
uncertainty in the following noise reduction data was estimated to
be less than +0.01 dB based on test-to-test repeatability (experimen-
tal uncertainty) and equipment specifications (measurement uncer-
tainty). Many data sets were averaged, and good data quality was ob-
tained using the burst chirps, both factors that contributed to the low
experimental uncertainty. The tests were conducted over a two-day
period, and the setup and test environment were held consistent as
possible.

C. Experimental Results

Many different combinations of devices were tested: several will
be discussed here, and the results are summarized in Table 3. The
63-Hz acoustic dampers attenuated the target mode by nearly 15 dB.
Over the 50-200-Hz bandwidth, reduction was computed to be
0.49 dB at the wall microphones and 0.07 dB at the tree micro-
phones. There was no measured reduction at the accelerometers.
Using all 40 dampers provided 1.11-dB of attenuation at the wall
microphones and 0.38 dB at the tree microphones. The averaged
accelerometer response increased by —0.03 dB. The spatially aver-
aged transfer function for this test case (using wall microphones)
is given in Fig. 19. Approximately 15.5 dB of reduction was mea-
sured at 63 Hz, 1 dB at 84 Hz, 6 dB at 183 Hz, and 8 dB at 196 Hz.
Reductions were also measured at 125 and 148 Hz, with only slight
spillover at a few frequencies.

Using the TVAs tuned for 84 Hz with no resonators produced
0.92 dB of reduction at the wall microphones and 0.52 dB at the
accelerometers, but increased the response at the tree microphones
by 0.31 dB. Combining all acoustic resonators with the 84 Hz TVAs
provided 1.63 dB of reduction at the wall microphones, 0.72 dB at
the tree microphones, and 0.85 dB at the wall accelerometers. Simi-
lar results were measured using all acoustic dampers with the 63-Hz

Table 3 Measured reduction from cylinder tests using acoustic
dampers, TVAs, TMDs, and blocking masses

Reduction, dB

Wall Wall Tree

Test case microphones accelerometers microphones

63-Hz acoustic 0.49 0.00 0.07
dampers

All acoustic 1.11 —0.03 0.38
dampers

84-Hz TVAs only 0.92 0.52 —0.31

All acoustic dampers 1.63 0.85 0.72
and 84-Hz TVAs

All acoustic dampers 1.75 0.63 0.72
and 63-Hz TVAs

All acoustic dampers 1.56 0.87 0.97
and 196-Hz TMDs

All acoustic dampers 1.49 —0.63 0.72

and 6 blocking masses
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Fig. 19 Spatially averaged microphone measurement using acoustic
dampers.
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Fig. 20 Microphone measurements using all acoustic dampers com-
pared to using all acoustic dampers with TMDs.

TVAs. For the case of the 196-Hz TMDs with all acoustic dampers,
the reduction at the wall microphones was a comparable 1.56 dB,
the reduction at the wall accelerometers was 0.87 dB (largest re-
duction achieved over the test cases), and the reduction at the tree
microphones was 0.97 dB (also the largest reduction achieved over
the test cases). Figure 20 shows the measured data for this test case.
It appears that the TMD was able to produce damping at more than
the target mode. From 180 to 200 Hz, there was less transmission
with the TMDs than without. There was also less transmission near
84 Hz and 110-120 Hz, with little spillover elsewhere.

For comparison purposes, six solid aluminum blocks of equiva-
lent mass and geometry were substituted for the 84 Hz TVAs us-
ing the same attachment locations and method. Measurements were
taken using all acoustic dampers and showed 1.49 dB of reduction at
the wall microphones, 0.72 dB of reduction at the tree microphones,
and an increase of 0.63 dB at the wall accelerometers.

The data showed that significant attenuation of the low-
frequency acoustic modes was accomplished using damped acoustic
resonators. It was observed through additional testing that the in-
fluence of the acoustic dampers was somewhat robust to mistun-
ing (£5% of the resonance frequency). Including the TMD/TVAs
increased the noise reduction provided by the resonators alone.
The TMD/TVAs provided more reduction than did simple block-
ing masses. The TMDs provided the highest amount of reduction at
the tree microphones and demonstrated a wider bandwidth of influ-
ence than their narrowband counterparts (TVAs). The TMDs were
more robust to mistuning than the TVAs, which makes them more
suitable for a system whose dynamics might vary.

The narrowband and wide-band performance observed in these
tests met expectations. Both the acoustic and structural devices func-
tioned as expected. However, after reflecting on the sensitivity of
the structural resonance frequencies to boundary conditions and the
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Fig. 21 PVAD used in integrated tests on the Boeing cylinder.

uncertainty in the transmission dynamics attributable to the dis-
turbance coupling, it was decided that targeting specific structural
modes with TVAs or TMDs was not reasonable because accurate
knowledge of the cylinder’s dynamic response was required, which
might not be available for fairing applications. It was decided to
instead use a relatively low frequency (50-80 Hz), damped suspen-
sion, with a damped acoustic resonator (as the TMD’s moving mass)
for the integrated PVAD. It was theorized that if the suspension were
designed for low-frequency, structural damping could be imparted
over a broad range of frequencies proximal to the design frequency.
Knowledge of the structural dynamics can be less precise and good
performance can still be achieved.

V. Integrated PVAD Development

The final PVAD design was constructed based on lessons learned
from all of the previous numerical studies and experimental test-
ing. The acoustic damper was designed to have a fundamental fre-
quency of 63 Hz, which could be adjusted to 105 Hz by varying the
neck length. Acoustic damping was designed to be 7%, which was
achieved by installing approximately 5 g of copper mesh into the
neck. The acoustic resonator volume was built from two carbon-fiber
composite halves to form a 4500-cm? ellipsoid with a 2.5-cm-wide
circumferential ring and an epoxied neck sleeve (shown in Fig. 21).
The neck sleeve permitted the use of a neck tube that could be cut
to the appropriate length and reinserted. This enabled easy tuning
of the resonator frequency. The mass of the acoustic resonator was
approximately 400 g.

The suspension system consisted of two rings of four S-shaped
stainless-steel leaf springs separated by 2.4-cm spacers and mounted
to four aluminum standoffs. The dual S-flexure ring approach was
used to provide large frequency separation between the fundamental
bounce mode of the PVAD and the other twisting and tilting modes
(to prevent unexpected and/or undesired coupling). The design fre-
quency for the suspension was 80 Hz. Finite element models were
used to design the appropriate flexures, which turned out to be 0.8-
mm stainless-steel flexures. By removing one ring of flexures, so
that only four were used, the suspension frequency could be reduced
to 50 Hz. Flexure damping of approximately 7% was achieved using
constrained layer damping treatments. The standoffs to which the
flexures were attached were constructed of aluminum. The bases of
the standoffs were curved to match the curvature of the cylinder.
Each integrated device weighed about 1.2 kg (largely because of
the weight of the standoffs) and was attached to the cylinder by
adhesive pads on the base of the standoffs. Thirty-five PVADs were
constructed for testing on the composite cylinder.

VI. Integrated PVAD Testing

A. Foam Lining and Baseline Tests

In the previous acoustic resonator and TVA/TMD test results, it
was observed that the interior acoustic response was much more
lightly damped than occurred in actual payload fairings, which
could give unrealistic expectations for performance in actual ap-

150

145
140
135

130

125 —— bare cylinder |
-~ foam added

Magnitude (dB) (Pa/g)

120

50 100 150 200 250 300

Frequency (Hz)

Fig. 22 Effect of added foam to the cylinder’s interior for integrated
testing.
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Fig. 23 Baseline acoustic response using foam and PVAD standoffs.

plications. Thus, for the integrated tests a representative acoustic
blanket treatment was applied to the cylinder’s interior so that the
acoustic response more accurately represented actual fairing behav-
ior. Melamine acoustic foam (5 cm thick) was incrementally added
to the cylinder’s interior until the measured acoustic damping ratios
were similar to the damping response observed in a nominal Delta
payload fairing. The foam had little mass loading effect on the struc-
ture, but did provide some structural damping. Figure 22 shows the
sum squared of the measured transfer functions from an external
disturbance source (subwoofer) to several internal microphones (an
accelerometer on the subwoofer diaphragm was used as the refer-
ence). Approximately 16% of the surface area of the interior was
covered with foam.

Another concern was the impact of the added mass of the PVAD
standoffs on the cylinder’s response. Thus, a “baseline” response
was defined with the foam and with 35 sets of PVAD standoffs at-
tached to the cylinder. Figure 23 shows the baseline noise transmis-
sion with foam and with the standoffs. The increased mass reduced
the transmission at higher frequency as expected. At the fundamental
acoustic mode 63 Hz, transmission increased, which was observed
in simulations (see Fig. 6).

B. Test Setup: Equipment Description

Testing was performed in a larger test chamber than used for
the previous studies. A sketch of the setup is presented in Fig. 24.
The disturbance source was positioned approximately 2 m from the
cylinder and generated a somewhat diffuse loading on the cylinder
over the bandwidth of 40-300 Hz. (The loading was not truly dif-
fuse; however, because the cylinder was in a reverberant lab, the
impinging sound field consisted of reflected waves in addition to
the direct wave field from the source. Also, the room was large
and had scattering surfaces; thus, there were no dominant acoustic
room modes that might bias the internal response. Measurements
were made to measure the external acoustic levels around the cir-
cumference of the cylinder and indicated that the acoustic load was
reasonably “even” around the cylinder, as opposed to being high
on the side of the source, which would have indicated a primar-
ily direct-field loading.) The disturbance level was approximately
103 dB for these tests. An accelerometer attached to the subwoofer
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Fig. 26 Position of the accelerometers around the unwrapped cylinder.

diaphragm provided the reference measurement [PCB Piezotron-
ics accelerometer model 352B10; sensitivity = 10 mV/g; frequency
range = 2-10,000 Hz (£5%); mass = 0.5 g]. Bandlimited random
noise was used as the disturbance input instead of burst chirps. These
tests were conducted by graduate students and research associates of
Virginia Tech (Vibration and Acoustics Laboratory, Department of
Mechanical Engineering) using different acquisition and analyzer
equipment than used in previous tests.

Eight external microphones [PCB Piezotronics ICP microphone
model 130D20; sensitivity =45 mV/Pa; frequency range =20 Hz—
7 kHz (%1 dB)] were placed around the cylinder exterior as shown
in Fig. 25. These were used to monitor the external loading. Twelve
accelerometers [PCB Piezotronics accelerometer model 320C03;
sensitivity = 10 mV/g; frequency range = 1 Hz—6 kHz (£5%)] were
attached to the cylinder exterior as shown in Fig. 26. Fourteen
internal microphones [PCB Piezotronics ICP microphone model
130D20; sensitivity =45 mV/Pa; frequency range =20 Hz—7 kHz
(£1 dB)] were mounted inside of the cylinder on wires. All measure-
ments were high-pass filtered and antialias filtered. At least 20 aver-
ages of the transfer functions were taken for each test. Many different
tests were completed over several weeks. In most cases, tests were
repeated in order to better understand and quantify experimental
uncertainty.

C. PVAD Layout

The layout of the PVADs is shown in Fig. 27 with the positions
of the added acoustic foam indicated. The upper and lower rings
were positioned near the end caps (locations of the acoustic pres-
sure antinodes), which facilitated good coupling with the acoustic
volume. The middle ring was positioned near the midspan of the
cylinder, which was a location of relatively strong out-of-plane mo-
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Fig. 27 PVADs and foam layout used in the integrated tests.
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Fig. 28 Comparison of 35 PVADS tuned to 63/50 and 63/80 (Hz).

tion. The upper and lower rings each included 14 PVADs, and the
middle ring included seven PVADs.

D. Results
1. Results: 35 PVADs with Varying Acoustic
and Structural Resonance Frequency

The first set of tests compared the performance of 35 PVAD de-
vices tuned to two different acoustic and two different structural
resonance frequencies. Performance was measured over six narrow
bandwidths around dominant transmission frequencies, and over
the 50- to 300-Hz bandwidth. The noise reduction was computed
as a function of the ratio of the spatially averaged response of the
baseline case (with 35 sets of standoffs) to the response with the
devices attached (dampers and flexures). Representative responses
are presented, and the noise reduction values are tabulated for the
averaged measurements and presented in Table 4.

First, the acoustic dampers were tuned to approximately 63 Hz
(the fundamental acoustic mode of the cylinder), and the flexures
were tuned to 50 Hz. This was compared to using the same acoustic
resonance, but setting the flexures to 80 Hz. The spatially averaged
transfer functions for a representative test run are given in Fig. 28.
The results for the acoustic dampers with 50-Hz suspensions, de-
noted as 63/50, showed reduction below 80 Hz, but some spillover
at 149 and 260 Hz. The 63/80 configuration yielded more reduction
below 100 Hz, but no reduction at 84 Hz, and noticeable spillover
at 180, 190, and 290 Hz. In both cases, the response at 63 Hz was
reduced by more than 10 dB. Narrowband reductions are given in
Table 4 and indicate that reduction typically occurred below 110 Hz.
The computed reduction over the 50- to 300-Hz bandwidth for the
63/50 configuration was only about 0.27 dB, but the measurement
uncertainty (based on standard deviation of the data) was 0.26 dB.
For the 63/80 configuration, the reduction was slightly better at
0.37 dB (£0.11 dB).

Figure 29 compares the results using an acoustic damper tuned
to 103 Hz, with the structural resonance tuned to 50 Hz (103/50)
and 80 Hz (103/80). In this case, reduction was observed at res-
onances up to 145 Hz, with spillover occurring at 150, 180, 260,
and 290 Hz. The 103/80 devices yielded more reduction than the
103/50 devices below 100 Hz. Reductions at 63 Hz were less than
the previous case, but there were significant improvements at 84 and
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Table 4 Narrowband and overall reduction (dB) measured using 35 PVADs with varying structural and
acoustic frequencies

Bandwidth fosHzZ  fmin — fmax, Hz 63/50, dB 63/80, dB 103/50,dB 103/80, dB
1 62.5 57.5-67.5 113042039 8794030  5.89+094  5.90+0.81
2 80 75-90 2.05+0.80 1424084 4214073  6.1940.62
3 105 100-110 1.65+£0.64 1474023 5794033 4744239
4 125 120-130 0.75+£0.11 —0.174£0.08 1.90£0.13  1.304+0.08
5 150 145-155 —0.97£020  0.794£0.09 —0.52£0.53  1.4940.06
6 185 180-190 0.84+£037 —074+037 0834077  1.49+042
Sum S I 15624250  11.56+£1.91  18.08+3.41  21.1+£4.37
Overall S S 027+£026  0.3740.11 0.76£0.39  1.554+0.25
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Fig. 29 Comparison of 35 PVADS tuned to 103/50 and 103/80 (Hz).
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103 Hz. Table 4 shows that there were improved reductions over the
six selected narrowbands and over the 50- to 300-Hz bandwidth.
Clearly, the PVADs tuned to 103 Hz performed better than did the
63-Hz dampers, although less performance was realized at 63 Hz.

The next series of tests compared results obtained using a struc-
tural resonance frequency of 50 Hz, with the acoustic damper reso-
nances set to either 63 or 103 Hz. The results are shown in Fig. 30.
This reiterates that for a given suspension the 103-Hz dampers pro-
vided better attenuation over the bandwidth. Very little spillover was
observed in this test. Figure 31 gives the results for the case of an
80-Hz structural resonance, with the acoustic damping switched be-
tween 63 and 103 Hz. Reduction below 100 Hz was greater than in
the previous tests (Fig. 30), but more spillover at higher frequencies
was observed.

The spatially averaged response measured at the accelerometers
is presented in Fig. 32 for the 103/50 and 103/80 test cases. It shows
that there were significant variations in the measured vibration levels
between the two tests cases. Both configurations reduced vibration

Fig. 31 Comparison of 35 PVADS tuned to 63/80 and 103/80 (Hz).

below 100 Hz, and the 80-Hz configuration reduced vibration up to
200 Hz (except from 150 to 160 Hz). The 50-Hz PVADs actually
increased the vibration levels above 100 Hz. Both cases produced
some spillover above 200 Hz. Mixed reduction and spillover was
typical in all of the test cases. Note that at 103 Hz, the vibration
level was increased by the 103/50 devices, but Fig. 29 shows that
the acoustic response at 103 Hz was reduced by the 103/50 devices.
Intuitively, one would expect increased acoustic response with in-
creased vibration levels; however, here is a case of the opposite oc-
curring. This shows that higher vibration levels do not necessarily
imply higher acoustic levels, and likewise, lower vibration levels
are not always indicative of lower acoustic response. It has been
documented in the literature that vibration control does not neces-
sarily translate into acoustic control. This is a realistic and expected
consequence of the particular control mechanism utilized for re-
ducing transmission. In some instances, one can reduce the overall
vibration levels of the cylinder with little beneficial impact to the
noise transmission. Conversely, by interrupting (or reconfiguring)
the spatial vibration patterns of strong radiators (at a particular fre-
quency), even without significant attenuation of the energy at that
frequency, the radiation efficiency of a particular structural mode
can be reduced, vibration of the cylinder can be decoupled from
the acoustic volume, and transmission about that frequency can be
significantly inhibited.

2. Results: Varying Number of Devices

In the final tests to be presented, the number of PVADs was varied,
and the performance was measured as a function of the number of
devices. Measurements were taken using 14 PVADs (the lower ring
only), 21 PVADs (lower and middle rings), 28 PVADs (lower and up-
per rings), and compared to the full case of 35 PVADs (remeasured).
The measured responses are presented in Figs. 33 and 34. The results
given in Fig. 33 used acoustic dampers tuned to 63 Hz and flexures
tuned to 80 Hz. For Fig. 34, the acoustic dampers were tuned to
103 Hz, and the flexures remained tuned to 80 Hz. These results
were taken without a baseline reference, that is, no measurements
were taken with only 14 sets of standoffs, 21 sets of standoffs, or 28
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sets of standoffs. Figure 33 shows that 14 PVADs reduced the 63-Hz
acoustic mode as effectively as 35 PVADs. There was no noticeable
change observed at 84 Hz. At 103 Hz, 21 PVADs yielded more re-
duction than 14 PVADs, but no improvement was realized with 28
or 35 PVADs. There were no consistent trends above 150 Hz. In
Fig. 34, 14 PVADs actually yielded more reduction than 28 PVADs.
Above 63 Hz, the performance of 28 and 35 PVADs were reason-
ably similar, although 35 PVADs produce more reduction at 180,
190, and 250 Hz. The data do not indicate an optimal treatment.
A considerable amount of the achievable reduction was achieved
using 14 PVADs. Some gains were made using more devices, but
that required a significant mass increase. The volume of 28 PVADs
was equivalent to 1.0% of the total volume of the cylinder.

VII. Conclusions

The PVAD was developed to complement acoustic blankets to
improve noise control at low frequencies and as a passive alterna-

tive to active noise control approaches for payload fairings. This
work presented the development of the PVAD from prototype to
an integrated device. Experimental results and analysis supported
each stage of modeling and development. The final integrated device
design was motivated in part by practical limitations and dynamic
uncertainty in actual payload fairings. The result was a robust device
to mitigate fairing noise using both structural and acoustic control.

Early work with prototype devices showed that although PVADs
were designed with one acoustic and one structural resonance, they
could be designed to couple with several proximal frequencies and
provide wideband attenuation. Tests were conducted using both
diaphragm-type and Helmholtz-resonator-type acoustic dampers.
A PVAD weighing approximately 500 g was developed using a
foam base and was successfully demonstrated in a one-dimensional
aluminum cylinder test bed. It was estimated that the volume of
the acoustic resonators needed to be approximately 1% of the total
acoustic volume in order to provide significant levels of attenuation
(“significant” meaning greater than 6 dB, i.e., a factor of 2, reduc-
tion in the amplitude of the response of the fundamental acoustic
resonance).

Optimization studies that used fully coupled structural-acoustic
finite element models of a 2.75-m graphite-epoxy, sandwich com-
posite cylinder were presented. PVADs were coupled with the sys-
tem model, and the simulations were used as tools to find optimal
design parameters, locations, and predict the impact on noise trans-
mission. Two optimization approaches were presented, one based
on radiation-mode analysis and one that used genetic algorithms to
seek optimal solutions. The simulations indicated that more devices
would provide more attenuation, but as the number of devices in-
creased, the rate of noise reduction decreased, that is, “diminishing
returns.” This was also observed in the integrated device tests, but
to a lesser extent. Simulations indicated that using a flexible (dy-
namic) suspension yielded more reduction than simply attaching
rigid (blocking) masses. The addition of acoustic dampers further re-
duced transmission. The optimal flexure and acoustic damping ratios
of the PVADs were determined to be around 5 to 10% for the nominal
system model. The optimal “moving mass” of the structural com-
ponent tended toward the high end of the parameter space, and the
optimal moving mass of the acoustic damper tended toward the low
end of the parameter space. Simulations using damped Helmholtz
resonators as acoustic dampers showed good performance. The lo-
cations of the PVADs on the cylinder wall did not seem to be as
critical if many devices were used. However, if fewer devices were
used then the PVADs tended toward locations that corresponded to
high out-of-plane vibration and pressure antinodes.

Tests using separate components were conducted as a risk reduc-
tion step prior to the development and testing of integrated PVADs.
Component tests demonstrated narrowband reductions of 10-12 dB
at low-frequency acoustic resonances. Reactive structural devices
provided narrowband attenuation, but resistive devices provided at-
tenuation over a wider band with more robustness to mistuning.
The measured results showed that the TVA/TMDs provided more
reduction than did blocking masses. However, it was decided based
on the uncertainty of a real fairing to not attempt to target specific
structural resonances, but to design the flexure suspension near the
low end of the target bandwidth, which resulted in attenuation over
several resonance frequencies.

Integrated PVAD devices were constructed with adjustable flex-
ures and acoustic dampers and then tested in the 2.75-m compos-
ite cylinder provided by Boeing. Acoustic foam was added to the
cylinder’s interior so that the acoustic damping was more representa-
tive of an actual payload fairing. Baseline frequency response func-
tions were measured from a disturbance to several interior micro-
phones and exterior accelerometers with the foam and PVAD legs at-
tached. These frequency response functions were spatially averaged,
and PVAD performance was computed relative to these baseline
measurements.

Tests were conducted on the cylinder using 35 PVADs, all
tuned to the same structural and acoustic frequencies. A variety
of test cases were investigated and presented. The PVADs reduced
“on-resonance” response, effectively coupled with several modes
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over the low-frequency bandwidth, and produced little spillover. The
performance of the PVADs correlated well with model predictions,
with narrowband reductions of up to 11 dB measured at specific res-
onance frequencies. For the case of the 103/80 PVADs, there was
significant (greater than 1 dB) reduction at all six bandwidths mea-
sured. The PVADs were particularly effective below 100 Hz, where
acoustic blankets are least effective. Figure 29 showed performance
through 130 Hz (more than two resonances). It is apparent that if
some of the devices were changed from 103/80 to 150/80 and/or
190/80 significantly more reduction across the bandwidth might
be realized. Furthermore, the added mass reduces transmission at
higher frequency (>300 Hz). Additional testing should be done in
which devices are implemented that cover a wider range of fre-
quencies in order to assess potential effectiveness and limitations.
Unfortunately for us, time and budget precluded this option.

In summary, the PVADs offer a viable passive solution for low-
frequency noise control in flexible, structural-acoustic systems such
as payload fairings. PVADs were reasonably robust to mistuning,
placement, and damping values. PVADs can be constructed from
lightweight composite materials (graphite-epoxy) with foam-based
mounting/suspension systems that would weigh less than 500 g.
Twenty such devices would add about 10 kg (22 Ib) to a fairing. It is
expected that improved wideband performance could be realized if
the PVAD resonance frequencies were varied over the target band-
width. Higher-frequency PVADs could be made smaller and lighter.
Incorporating multiple PVADs with typical acoustic blankets would
provide an effective broadband acoustic treatment for large payload
fairings that exhibit large-amplitude, low-frequency resonant be-
havior. For smaller payload fairings, fewer PVADs (of smaller size)
would be sufficient to provide significant noise reduction and reduce
the payload vibroacoustic launch environment.
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